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Abstract 

 
Compact heat exchangers have been widely used in various 

applications in thermal fluid systems including automotive thermal 

management systems. Radiators for engine cooling systems, evaporators 

and condensers for HVAC systems, oil coolers, and intercooler which are 

typical examples of the compact heat exchangers that can be found in 

ground vehicles. Compact heat exchangers are used in low heat transfer 

rates of gas-liquid systems because of the high surface area per unit 

volume of this device. It is used to transfer heat in system characterized 

by low heat transfer coefficient. 

In this work, a compact heat exchanger of 20x19x5cm has been 

used with hot water of 60˚C flowing inside the heat exchanger and air at 

room temperature flowing across it. A fan is located with a small tunnel 

adjacent to the heat exchanger. The velocity of fan can be controlled by a 

Voltage switch. Changing velocity of air by controlling the velocity of the 

fan which increase flow rate of air flowing. Three different velocities 

have been studied in this work with constant water velocity. 

Thermometers are used to register temperature variation with time for 

outlet streams. 

It is found that the main factor which affects the heat transfer is the 

heat transfer coefficient of air side which can be increased by increasing 

the flow rate of air while water flow rate has minor effect on the heat 

transfer operation. The effectiveness also behaves in the same way and it 

could be increased as well by increasing the air flow rate.  

Studying the dynamic response of the system revealed that the time 

constant for such system could be decreased by increasing flow rate of 

 I



 II

air, which means faster dynamic temperature response. The dead time 

drops steeply as the flow rate of air increases. 
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NOTATIONS 

 

Symbol    Definition     Unit 

A    Area      m2 

Ac                                            Flow area                                             m2 

Cp    Specific heat capacity   J/Kg.°C 

h    Heat transfer coefficient   W/m2.°C 

ID    Inside diameter    m 

J                                        Colburn Factor                                      - 

k    Conductivity     W/m.°C 

m.    Mass flow rate    Kg/s 

n    No. of pipes     - 

Nu    Nusselt no.     - 

OD    Outside diameter    m   

Q    Volumetric flow rate   m3/s 

q    Heat Transfer Rate    Watt 

Pr    Prandtl no.     - 

Re    Reynolds no .    - 

St,Sl,s                                Shape factor                                         - 

St                                      Stanton no.                                           - 

T    Temperature     °C 

Ti
R(t)                                 Unsteady state dynamic response        -  

U    Overall heat transfer coefficient  W/m2.°C 

u    Velocity     m/s 

Vs                                     Enclosed (wetted) volume                    m3 

W                                      Width of the Plate                                m 

 V



Greek Symbols 
ε     Effectiveness    - 

θ     Dead or delay time                             sec 

τ                                              Time constant                                     sec 

Λ                                       Darcy Factor                                        - 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 VI



List of Tables 

 

Table    Title      Page 

3.1                         Specifications of First Test                                          41 

3.2                         Results of the First Test                                            42 

3.3                         Specifications of Second Test                                     42 

3.4   Results of the Second Test      42 

3.5                          Specifications of Third Test                                       43 

3.6   Results of the Third Test       43  

4.1                         Theoretical Values of U                                              47 

4.2                         Air Side Heat Transfer Coefficient                             49 

4.3                         Air Temperature Response with Time For 1st Test     53 

4.4                         Water Temperature Response with Time For 1st Test 55 

4.5                          Air Temperature Resp. with Time For 2nd Test        57 

4.6                          Water Temperature Resp. with Time For 2nd Test    58 

4.7                         Air Temperature Response with Time For 3d Test     60 

4.8                         Water Temperature Resp. with Time For 3d Test       62 

5.1                         Time Constant & Dead Time for Air Side T.R.           67                             

A1 Properties of Air at Atmospheric Pressure                  A1  

A2                         Properties of Water                                                      A2 

 

 

 

 

 

 

 VII



 

List of Figures 

 

Figure    Title        PAGE 

2.1 Exploded view of a gasketed-plate heat 
exchanger 

9 

2.2 Brazed stainless steel exchanger 11 
2.3 A compact spiral heat exchanger 13 
2.4 Basic structure of plate heat exchanger 16 
2.5 Overview of compact heat transfer surfaces 30 
3.1 Schematic diagram of the system 39 
3.2a View of the system 40 
3.2b View of the system 41 
4.1 Air Heat transfer coefficient vs. air volumetric 

flow rate 
50 

4.2 Overall heat transfer coefficient change with 
volumetric flow rate of air. 

51 

4.3 Overall heat transfer coefficient change with 

volumetric flow rate of water 

51 

4.4 Effectiveness versus air flow rate at different 
water flow rates. 

52 

4.5 Air temperature response for the first test 54 
4.6 Experimental and dynamic T.R. of air for the 

first test. 
54 

4.7 Water temperature response for the first test. 55 
4.8 Experimental and dynamic Temperature 

response of water for the first test 
56 

4.9 Air temperature response for the second test. 57 
4.10 Experimental and dynamic temperature 

response of air for the second test. 
 

 

58 

4.11 Water temperature response for the second test 59 
4.12 Experimental and dynamic temperature 

response of water for the second test 
60 

4.13 Air temperature response for the third test 61 

 VIII



 IX

4.14 Experimental and dynamic temperature 
response of air for the third test 

61 

4.15 Water temperature response for the third test 62 
4.16 Experimental and dynamic temperature 

response of water for the third test 
63 

 



Chapter One 

 Introduction  

 

1.1 Introduction 
    Compact heat exchangers have been widely used in various 

applications in thermal fluid systems including automotive thermal 

management systems. Radiators for engine cooling systems, evaporators 

and condensers for HVAC systems, oil coolers, and intercooler are 

typical examples of the compact heat exchangers that can be found in 

ground vehicles [1]. Compact heat exchangers are used in low heat 

transfer rates of gas-liquid systems because of the high surface area per 

unit volume of this device [2]. A heat exchanger is a complex device that 

provides the transfer of thermal energy between two or more fluids at 

different temperatures. Heat exchangers are used, either individually or as 

components of larger thermal systems, in a wide variety of industrial, 

commercial and household applications, e.g. refrigeration, ventilating and 

air-conditioning systems, power generation, process, manufacturing and 

space industries, as well as in environmental engineering. Although a 

wide variety of heat exchangers exists in the market, the present thesis 

will concentrate in the commonly used compact heat exchanger. The 

complexity of these systems stems from their geometrical configuration, 

the physical phenomena present in the transfer of heat, and the large 

number of variables involved in their operation, presently, the vast 

majority of the analyses for predicting their behavior include assumptions 

and conditions that are not consistent with the phenomena occurring in 

them under actual states of operation. The shortcomings in the current 

approach thus lead, in many cases, to unsatisfactory predictions of the 

heat transfer with errors that can be sometimes of the order of 25–30% or 
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higher. Since heat exchanger performance is very often a key factor in the 

overall thermal system design, constant improvements in their modeling 

and simulation are definitely needed to increase the accuracy of their 

predictions and, consequently, to improve the reliability and efficiency of 

thermal systems for the specific application [3]. Heat exchangers play an 

essential role in chemical processing. In the typical process plant, heat 

exchangers bring the feed streams to the proper temperature for the 

reactors, provide vapor and liquid reflux streams for the separation and 

purification steps, and finally cool the products for storage and shipping. 

But the same types of heat exchangers are used in a wide variety of 

auxiliary services in process plants and many other places as well; 

examples include lubricating-oil coolers for all kinds of machinery, 

compressor intercoolers and after coolers for gas pipeline systems, 

chillers in refrigeration and air-conditioning installations, and vapor 

generators and condensers in conventional, nuclear, geothermal, and solar 

thermal power plants [4]. 

Heat exchangers come in many different configurations and with 

surface areas ranging from 0.1 to 100,000 m2. The selection of type or 

configuration of heat exchanger is governed by the nature of the streams 

flowing in the exchanger (e.g., liquid or gas, high or low pressure, high or 

low temperature) and the service (e.g., heating or cooling, condensing, 

vaporizing) to be performed [5]. The size of the heat exchanger is 

governed by the amount of heat to be transferred and the rate of heat 

transfer, which can vary by several orders of magnitude [2]. The use of 

soft computing technologies has received much attention in recent years 

as an alternative approach to cope with real-world problems. It has been 

used in a wide variety of applications in both the natural and engineering 

sciences, among which are decision making, pattern recognition, system 

control, information processing, natural languages, optimization, speech 
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recognition, vision and robotics. The excellent inherent characteristics 

provided by these methodologies allow them to recognize and model the 

nonlinear phenomena present in complex processes. A main advantage 

provided by soft computing stems from the fact that its constituent 

methodologies are for the most part complementary and synergistic rather 

than competitive, and can be combined to increase even more the quality 

of their results [6]. The design of finned-tube heat exchangers requires 

specification of more than a dozen parameters, including but not limited 

to the following: transverse tube spacing, longitudinal tube spacing, tube 

diameter, number of tube rows, fin spacing, fin thickness, and fin type 

(plain or enhanced). Circuiting is another important specification that will 

affect performance of a finned-tube heat exchanger [7] 

 

1.2 Scope of the Thesis 
  In this work it is attempted to study the factors which have the 

biggest effect on heat transfer rates in a compact heat exchanger. The 

effect of flow rates variation of water and air has been studied on overall 

heat transfer coefficient and effectiveness of the application. Dynamic 

study of control variables and responses has been reviewed and the effect 

of flow rate on them. The optimum conditions for operating of compact 

heat exchanger have been studied. Chapter one is a general introduction 

of compact heat exchangers. Chapter two is a literature review for the 

types and design equations of all types of compact heat exchangers. 

Chapter three is a description of the apparatus, working conditions and 

experimental results. Chapter four is the simulation of results and a study 

of dynamic response of the system. Chapter five is the discussion of the 

results and chapter six is the conclusions and recommendations for future 

work.  



Chapter Two 

Literature Survey of Compact Heat Exchanger 

 

2.1 Introduction  
With equipment costs rising and limited available plot space, compact 

heat exchangers are gaining a larger portion of the heat exchange market. 

Numerous types use special enhancement techniques to achieve the required 

heat transfer in smaller plot areas and, in many cases, less initial investment. 

As with all items that afford a benefit there is a series of restrictions that limit 

the effectiveness or application of these special heat exchanger products. In 

most products discussed some of these considerations are presented, but a 

thorough review with reputable suppliers of these products is the only positive 

way to select a compact heat exchanger [8]. 

 

2.2 Criteria for Selection  
Given the large variety of process heat transfer problems and the heat 

exchanger configurations available, the engineer must select a type and design 

that satisfy several criteria. These are listed approximately in the order of their 

importance, though in any individual case one criterion or another may move 

up or down in the list of relative importance. [9] 

1. The heat exchanger must satisfy process specifications; that is, it must 

perform the required thermal change on the process stream within the 

pressure drop limitations imposed. The basic thermal design equations are 

discussed in a later section, and these determine the size of the heat 

exchanger. Equally important to a successful design is the proper utilization 

of the allowed pressure drops for each stream. As a general rule, the greater 

the allowable pressure drop, the higher the fluid velocity and heat transfer 
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coefficient, resulting in a smaller and less expensive heat exchanger. 

However, pressure drop increases with fluid velocity more rapidly than does 

heat transfer, and pumping costs soon become prohibitive. Also, excessive 

velocities can cause damage by cavitations, erosion, and vibration. Therefore, 

the allowable pressure drop in each stream should be carefully chosen (70 kPa 

is a typical value for low-viscosity liquids, and 5–10% of the absolute 

pressure is typical for low-pressure gases and vapors), and as fully utilized as 

other considerations permit. 

2. The heat exchanger must withstand service conditions. The most obvious 

condition is that the exchanger construction must be strong enough to contain 

the fluid pressures inside the exchanger, and design standards for safe 

construction are set by the various pressure-vessel codes. There are also 

thermally induced stresses due to the differential expansion of the various 

exchanger components. There are mechanical stresses imposed by the 

exchanger weight and externally by piping stresses, wind loading, and 

mechanical handling during shipping, installation, and maintenance. The heat 

exchanger must withstand corrosive attack, primarily achieved by suitable 

selection of the materials of construction. To minimize erosion and vibration 

problems, it is important to limit velocities, especially in certain critical areas 

near the nozzles and wherever the flow is forced to change direction in the 

heat exchanger. The exchanger must also be designed either to minimize 

fouling or to withstand the mechanical effects as fouling does develop.                     

3. The heat exchanger must be maintainable. It must allow mechanical or 

chemical cleaning if the heat transfer surface becomes fouled, and it must 

permit replacement of the tubes, gaskets, and any other components that may 

fail or deteriorate during the normal lifetime of the exchanger. Maintenance 

should be accomplished with minimum downtime and handling difficulties 

and labor cost.      
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4. Operational flexibility. The heat exchanger and its associated piping and 

control system must permit operation over the probable range of conditions 

without instability, excessive fouling, vibration problems, or freeze-up that 

might damage the exchanger itself. Both changes in process conditions (e.g., 

changes in process flow rate or composition) and in environmental conditions 

(e.g., daily and seasonal changes in atmospheric temperature) must be 

considered.  

5. Cost. Cost considerations must include not only delivered cost and 

installation, but particularly the cost of lost production. The value of products 

from a process plant is generally so much greater than the cost of any one 

piece of equipment that loss of production due to inadequate equipment 

capacity or excessive downtime quickly out-weighs any capital cost savings 

achieved by undersizing equipment.     

6. Other design criteria include maximum weight,length, and/or diameter 

limitations to facilitate installation and maintenance. Use of standard 

replaceable components minimizes inventory [6]. 

 

2.3 Types of Compact Heat Exchangers 

2.3.1 PLATE-AND-FRAME EXCHANGERS  
There are two major types gasketed and welded-plate heat exchangers. 

Each shall be discussed individually. 

2.3.1.1 GASKETED-PLATE EXCHANGERS (G. PHE) 
This type is the fastest growing of the compact exchangers and the most 

recognized as shown in Fig. 2.1. A series of corrugated alloy material channel 

plates, bounded by elastomeric gaskets are hung off and guided by 

longitudinal carrying bars, then compressed by large-diameter tightening bolts 

between two pressure retaining frame plates (cover plates). The frame and 
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channel plates have portholes which allow the process fluids to enter 

alternating flow passages (the space between two adjacent-channel plates). 

Gaskets around the periphery of the channel plate prevent leakage to the 

atmosphere and also prevent process fluids from coming in contact with the 

frame plates. No interfluid leakage is possible in the port area due to a dual-

gasket seal. The frame plates are typically epoxy-painted carbon-steel 

material and can be designed per most pressure vessel codes. The channel 

plates are always an alloy material with 304SS as a minimum. Channel plates 

are typically 0.4 to 0.8 mm thick and have corrugation depths of 2 to 10 mm. 

Special Wide Gap (WG PHE) plates are available, in limited sizes, for slurry 

applications with depths of approximately 16 mm. The channel plates are 

compressed to achieve metal-to-metal contact for pressure-retaining integrity. 

These narrow gaps and high number of contact points which change fluid 

flow direction, combine to create a very high turbulence between the plates. 

This means high individual-heat-transfer coefficients (up to 14200W/m2 °C), 

but also very high pressure drops per length as well. To compensate, the 

channel plate lengths are usually short, most under 2 and few over 3 meters in 

length. In general, the same pressure drops as conventional exchangers are 

used without loss of the enhanced heat transfer. Expansion of the initial unit is 

easily performed in the field without special considerations. The original 

frame length typically has an additional capacity of 15–20 percent more 

channel plates (i.e., surface area). In fact, if a known future capacity is 

available during fabrication stages, a longer carrying bar could be installed, 

and later, increasing the surface area would be easily handled. When the 

expansion is needed, simply untighten the carrying bolts, pull back the frame 

plate, add the additional channel plates, and tighten the frame plate. 
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Most PHE applications are liquid-liquid services but there are 

numerous steam heater and evaporator uses from their heritage in the food 

industry. Industrial users typically have chevron style channel plates while 

some food applications are washboard style. Fine particulate slurries in 

concentrations up to 70 percent by weight are possible with standard channel 

spacing. Wide-gap units are used with larger particle sizes. Typical particle 

size should not exceed 75 percent of the single plate (not total channel) gap. 

Close temperature approaches and tight temperature control possible with 

PHE’s and the ability to sanitize the entire heat transfer surface easily were a 

major benefit in the food industry. 

Multiple services in a single frame are possible. Gasket selection is one 

of the most critical and limiting factors in PHE usage. Even trace fluid 

components need to be considered. The higher the operating temperature and 

pressure, the shorter the anticipated gasket life . Always consult the supplier 

on gasket selection and obtain an estimated or guaranteed lifetime. The major 

applications are, but not limited to, as follows: 

i) Temperature-cross applications (lean/rich solvent) 

ii) Close approaches (fresh water/seawater) 

iii) Viscous fluids (emulsions) 

iv) Sterilized surface required (food, pharmaceutical) 

v) Polished surface required (latex, pharmaceutical) 

vi) Future expansion required 

vii) Space restrictions 

viii) Barrier coolant services (closed-loop coolers) 

ix) Slurry applications (TiO2, Kaolin, precipitated calcium carbonate, and 

beet sugar raw juice) [8] 
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Fig. 2.1 Exploded view of a gasketed-plate heat exchanger [8] 
 

2.3.1.2 WELDED- AND BRAZED-PLATE EXCHANGERS 

(W. PHE & BHE) 
The title of this group of plate exchangers has been used for a great 

variety of designs for various applications from normal gasketed-plate 

exchanger services to air pre-heater services on fired heaters or boilers. The 

intent here is to discuss more traditional heat-exchanger designs, not the heat-

recovery designs on fired equipment flue-gas streams. Many similarities exist 

between these products but the manufacturing techniques are quite different 

due to the normal operating conditions these units experience. To overcome 

the gasket limitations, PHE manufacturers have developed welded-plate 

exchangers. There are numerous approaches to this solution: weld plate pairs 

together with the other fluid-side conventionally gasketed, weld up both sides 

but use a horizontal stacking of plates method of assembly, entirely braze the 
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plates together with copper or nickel brazing, diffusion bond then pressure 

form plates and bond etched, passage plates. 

Most methods of welded-plate manufacturing do not allow for 

inspection of the heat-transfer surface, mechanical cleaning of that surface, 

and have limited ability to repair or plug off damage channels. Consider these 

limitations when the fluid is heavily fouling, has solids, or in general the 

repair or plugging ability for severe services. One of the previous types has an 

additional consideration of the brazing material to consider for fluid 

compatibility. The brazing compound entirely coats both fluid’s heat-transfer 

surfaces. The second type, a Compabloc (CP) from Vicarb, has the advantage 

of removable cover plates, similar to air-cooled exchanger headers, to observe 

both fluids surface area. The fluids flow at 90° angles to each other on a 

horizontal plane. LMTD correction factors approach 1.0 for Compabloc just 

like the other welded and gasketed PHEs. Hydroblasting of Compabloc 

surfaces is also possible. The Compabloc has higher operating conditions than 

PHE’s or W-PHE. 

The performances and estimating methods of welded PHEs match those 

of gasketed PHEs in most cases, but normally the Compabloc, with larger 

depth of corrugations, can be lower in overall coefficient. Some extensions of 

the design operating conditions are possible with welded PHEs, most notably 

is that cryogenic applications are possible. Pressure vessel code acceptance is 

available on most units. 
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Fig. 2.2  Brazed stainless steel exchanger [10]. 

 

2.3.2 SPIRAL-PLATE EXCHANGERS (SHE) 
The spiral-plate heat exchanger (SHE) may be one exchanger selected 

primarily on its virtues and not on its initial cost. SHEs offer high reliability 

and on-line performance in many severely fouling services such as slurries. 

The SHE is formed by rolling two strips of plate, with welded-on spacer 

studs, upon each other into clock-spring shape. This forms two passages. 

Passages are sealed off on one end of the SHE by welding a bar to the plates; 

hot and cold fluid passages are sealed off on opposite ends of the SHE. A 

single rectangular flow passage is now formed for each fluid, producing very 

high shear rates compared to tubular designs. Removable covers are provided 

on each end to access and clean the entire heat transfer surface. Pure 

countercurrent flow is achieved and LMTD correction factor is essentially = 

1.0. Since there are no dead spaces in a SHE, the helical flow pattern 

combines to entrain any solids and create high turbulence creating a self-

cleaning flow passage. There are no thermal-expansion problems in spirals. 
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Since the center of the unit is not fixed, it can torque to relieve stress. The 

SHE can be expensive when only one fluid requires a highalloy material. 

Since the heat-transfer plate contacts both fluids, it is required to be fabricated 

out of the higher alloy. SHEs can be fabricated out of any material that can be 

cold-worked and welded. 

The channel spacings can be different on each side to match the flow 

rates and pressure drops of the process design. The spacer studs are also 

adjusted in their pitch to match the fluid characteristics. As the coiled plate 

spirals outward, the plate thickness increases from a minimum of 2 mm to a 

maximum (as required by pressure) up to 10 mm. This means relatively thick 

material separates the two fluids compared to tubing of conventional 

exchangers. Pressure vessel code conformance is a common request. The 

most common applications that fit SHE are slurries. The rectangular channel 

provides high shear and turbulence to sweep the surface clear of blockage and 

causes no distribution problems associated with other exchanger types. A 

localized restriction causes an increase in local velocity which aids in keeping 

the unit free flowing. Only fibers that are long and stringy cause SHE to have 

a blockage it cannot clear itself. As an additional antifoulant measure, SHEs 

have been coated with a phenolic lining. This provides some degree of 

corrosion protection as well, but this is not guaranteed due to pinholes in the 

lining process. There are three types of SHE to fit different applications: 

Type I :  is the spiral-spiral flow pattern. It is used for all heating and cooling 

services and can accommodate temperature crosses such as lean/rich services 

in one unit. The removable covers on each end allow access to one side at a 

time to perform maintenance on that fluid side. Never remove a cover with 

one side under pressure as the unit will telescope out like a collapsible cup. 

Type II :  units are the condenser and reboiler designs. One side is spiral flow 

and the other side is in cross flow. These SHEs provide very stable designs 
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for vacuum condensing and reboiling services. A SHE can be fitted with 

special mounting connections for reflux-type ventcondenser applications. The 

vertically mounted SHE directly attaches on the column or tank. 

Type III :  units are a combination of the Type I and Type II where part is in 

spiral flow and part is in cross flow. This SHE can condense and subcool in a 

single unit. The unique channel arrangement has been used to provide on-line 

cleaning, by switching fluid sides to clean the fouling (caused by the fluid that 

previously flowed there) off the surface. Phosphoric acid coolers use pond 

water for cooling and both sides foul; water, as you expect, and phosphoric 

acid deposit crystals. By reversing the flow sides, the water dissolves the acid 

crystals and the acid clears up the organic fouling. SHEs are also used as 

oleum coolers, sludge coolers/ heaters, slop oil heaters, and in other services 

where multipleflow- passage designs have not performed well. 

 

 

Fig. 2.3   A compact Spiral Heat Exchanger [10] 
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2.3.3 BRAZED-PLATE-FIN HEAT EXCHANGER 
Brazed-aluminum-plate-fin heat exchangers (or core exchangers or cold 

boxes) as they are sometimes called, were first manufactured for the aircraft 

industry during World War II. In 1950, the first tonnage air-separation plant 

with these compact, lightweight, reversing heat exchangers began producing 

oxygen for a steel mill. Aluminum-plate fin exchangers are used in the 

process and gas-separation industries, particularly for services below −45°C. 

Core exchangers are made up of a stack of rectangular sheets of aluminum 

separated by a wavy, usually perforated, aluminum fin. Two ends are sealed 

off to form a passage. The layers have the wavy fins and sealed ends 

alternating at 90° to each. Aluminum half-pipe-type headers are attached to 

the open ends to route the fluids into the alternating passages. Fluids usually 

flow at this same 90° angle to each other. Variations in the fin height, number 

of passages, and the length and width of the prime sheet allow for the core 

exchanger to match the needs of the intended service. Design conditions range 

in pressures from full vacuum to 96.5 bar.g and in temperatures from −269°C 

to 200°C. This is accomplished meeting the quality standards of most 

pressure vessel codes. 

Applications are varied for this highly efficient, compact exchanger. 

Mainly it is seen in the cryogenic fluid services of air-separation plants, 

refrigeration trains like in ethylene plants, and in natural-gas processing 

plants. Fluids can be all vapor, liquid, condensing, or vaporizing. Multi-fluid 

exchangers and multi-service cores, that is one exchanger with up to 10 

different fluids, are common for this type of product. 

Cold boxes are a group of cores assembled into a single structure or 

module, prepiped for minimum field connections [11].  
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2.3.4 PLATE-FIN TUBULAR EXCHANGERS (PFE) 
These shell and tube exchangers are designed to use a group of tightly 

spaced plate fins to increase the shellside heat transfer performance as fins do 

on double-pipe exchangers. In this design, a series of very thin plates (fins), 

usually of copper or aluminum material, are punched to the same pattern as 

the tube layout, spaced very close together, and mechanically bonded to the 

tube. Fin spacing is 315–785 FPM (Fins Per Meter) with 550 FPM most 

common. The fin thicknesses are 0.24 mm for aluminum and 0.19 mm for 

copper. Surface-area ratios over bare prime-tube units can be 20:1 to 30:1. 

The cost of the additional plate-fin material, without a reduction in shell 

diameter in many cases, and increased fabrication has to be offset by the total 

reduction of plot space and prime tube-surface area. 

The more costly the prime tube or plot space cost, the better the payout 

for this design. A rectangular tube layout is normally used, no tubes in the 

window (NTIW). The window area (where no tubes are) of the plate-fins are 

cut out. This causes a larger shell diameter for a given tube count compared to 

conventional tubular units. A dome area on top and bottom of the inside of the 

shell has been created for the fluid to flow along the tube length. In order to 

exit the unit the fluid must flow across the plate-finned tube bundle with 

extremely low pressure loss. The units from the outside and from the tubeside 

appear like any conventional shell and tube exchanger. Two principal 

applications are rotating equipment oil coolers and compressor inter- and 

after-coolers. Although seemingly different applications, both rely on the 

shellside finning to enhance the heat transfer of low heat-transfer 

characteristic fluids, viscous oils, and gases. By nature of the fluids and their 

applications, both are clean servicing. The tightly spaced fins would be a 

maintenance problem otherwise. 
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Fig. 2.4   Basic structure of Plate Fin Heat Exchanger (PFHE) [10] 

 

2.3.5 SPIRAL-TUBE EXCHANGERS (STE) 
These exchangers are typically a series of stacked helical-coiled tubes 

connected to manifolds, then inserted into a casing or shell. They have many 

advantages like spiral-plate designs, such as avoiding differential expansion 

problems, acceleration effects of the helical flow increasing the heat transfer 

coefficient, and compactness of plot area. They are typically selected because 

of their economical design. The most common form has both sides in helical 

flow patterns, pure countercurrent flow is followed and the LMTD correction 

factor approaches 1.0. Temperature crosses are possible in single units. Like 

the spiral-plate unit, different configurations are possible for special 

applications. 

Tube material includes any that can be formed into a coil, but usually 

copper, copper alloys, and stainless steel are most common. The casing or 
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shell material can be cast iron, cast steel, cast bronze, fabricated steel, 

stainless, and other high-alloy materials. Units are available with pressure 

vessel code conformance. The data provided herein has been supplied by 

Graham Mfg. for their units called Heliflow. The common Heliflow 

applications are tank-vent condensers, sample coolers, pump-seal coolers, and 

steam-jet vacuum condensers. Instant water heaters, glycol/water services, 

and cryogenic vaporizers use the spiral tube’s ability to reduce thermally 

induced stresses caused in these applications. Many other applications are 

well suited for spiral tube units but many believe only small surface areas are 

possible with these units. Graham Mfg. states units are available to 60 m2. 

Their ability to polish the surfaces, double-wall the coil, use finned coil, and 

insert static mixers, among others configurations in design, make them quite 

flexible. Tubeside design pressures can be up to 69000 kPa. A cross-flow 

design on the external surface of the coil is particularly useful in steam-jet 

ejector condensing service. These Heliflow units, can be made very cost-

effective, especially in small units. The main differences, compared to spiral 

plate, is that the tubeside cannot be cleaned except chemically and that 

multiple flow passages make tubeside slurry applications (or fouling) 

impractical. 

 

2.3.6 PRINTED CIRCUIT HEAT EXCHANGER  
Heatric is a wholly owed subsidiary of Meggitt PLC and is a 

manufacturer of Printed Circuit Heat Exchangers for gas processing and 

petrochemical markets. The major benefits of this technology are: 

• Very compact heat exchangers; 

• Core design is readily tailored for containment of exceptionally high 

pressure. Design pressures in excess of 500 bars are feasible; 
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• The all-metal diffusion bonded and welded construction of PCHEs minimise 

design temperature constraints. Materials such as austenitic stainless steels are 

suitable for temperatures ranging from cryogenic to 800°C. 

• High efficiency heat exchanger; 

• Used to very harsh working conditions (off-shore applications). 

PCHEs are constructed from flat metal plates into which fluid flow 

channels are chemically milled. The chemical milling technique is similar to 

that employed for etching electrical printed circuits, and hence is capable of 

producing fluid circuits of unlimited variety and complexity. The channel 

may be straight or wavy. The milled plates are then stacked and diffusion 

bonded together to form strong, compact, all-metal heat exchange cores (see 

figure 3). The diffusion bonding is a "solid-state joining" process entailing 

pressing metal surfaces together at temperatures below the melting point, 

thereby promoting grain growth between the surfaces. Under carefully 

controlled conditions, diffusion bonded joints reach parent metal strength, and 

stacks of milled plates are converted into solid blocks containing the fluid 

flow passages. The blocks are then welded together to form the complete heat 

exchange core for the thermal duty. Finally, fluid headers and nozzles are 

welded to the core in order to direct the fluids to the appropriate sets of 

passages. No gaskets or brazing material – potential sources of leakage, fluid 

incompatibility and temperature limitations - are required for exchanger 

assembly. Classically, the hydraulic diameters are less than 1 mm which leads 

to laminar flow regimes on both sides. Moreover, the channels can be shaped 

(straight or wavy) in order to generate turbulence inside. This technology 

seems to be very promising in terms of high pressure / temperature resistance 

and compactness. Furthermore, the diffusion bounding process leads to a 

single-metal heat exchanger, without secondary-metal supply. [12] 
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2.4  Design for Some Types of Compact Heat Exchangers 

2.4.1 Design of Gasketed-Plate Exchangers (G. PHE)  
Standard channel-plate designs, unique to each manufacturer, are 

developed with limited modifications of each plates’ corrugation depths and 

included angles. Manufacturers combine their different style plates to custom-

fit each service. Due to the possible combinations, it is impossible to present a 

way to exactly size PHEs. However, it is possible to estimate areas for new 

units and to predict performance of existing units with different conditions 

(chevron-type channel plates are presented). The fixed length and limited 

corrugation included angles on channel plates makes the NTU method of 

sizing practical. (Waterlike fluids are assumed for the following examples). 

NTU = (Δt of either side / LMTD ) 

Most plates have NTU values of 0.5 to 4.0, with 2.0 to 3.0 as the most 

common, (multipass shell and tube exchangers are typically less than 0.75). 

The more closely the fluid profile matches that of the channel plate, the 

smaller the required surface area. Attempting to increase the service NTU 

beyond the plate’s NTU capability causes over surfacing  (inefficiency) . 

True sizing from scratch is impractical since a pressure balance on a 

channel-to-channel basis, from channel closest to inlet to furthest, must be 

achieved and when mixed plate angles are used; this is quite a challenge. 

Computer sizing is not just a benefit, it is a necessity for supplier’s selection. 

Averaging methods are recommended to perform any sizing calculations [13]. 

There are the following equations for plate heat transfer. 

4.065.0 (Pr)*(Re)*28.0==
k

hDeNu             ..… (2.1) 

 

where De = 2 × depth of single-plate corrugation 
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DewNp
WG

**
=                ..… (2.2) 

 

Width of the plate (w) is measured from inside to inside of the channel gasket. 

If not available, use the tear-sheet drawing width and subtract two times the 

bolt diameter and subtract another 50 mm. For depth of corrugation ask 

supplier, or take the compressed plate pack dimension, divide by the number 

of plates and subtract the plate thickness from the result. The number of 

passages (Np) is the number of plates minus 1 then divided by 2. 

Typical overall coefficients to start a rough sizing are as below. Use 

these in conjunction with the NTU calculated for the process. The closer the 

NTU matches the plate (say between 2.0 and 3.0), the higher the range of 

listed coefficients can be used. The narrower (smaller) the depth of 

corrugation, the higher the coefficient (and pressure drop), but also the lower 

the ability to carry through any particulate. 

Water-water 5700–7400 W/(m2 °C) 

Steam-water 5700–7400 W/(m2 °C) 

Glycol/Glycol 2300–4000 W/(m2 °C) 

Amine/Amine 3400–5000 W/(m2 °C) 

Crude/Emulsion 400–1700 W/(m2 °C) 

Pressure drops typically can match conventional tubular exchangers and can 

be calculated  as follows: 

Deg
LfGP

ρ

22
=Δ                  ..… (2.3) 

where  3.0)(5.2 −=
μ

GDef                 ..… (2.4) 

g = gravitational constant 
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Fouling factors are typically 1⁄10 of TEMA values or a percent over 

surfacing of 10–20 percent is used [14].  

LMTD is calculated like a 1 pass-1 pass shell and tube with no F 

correction factor required in most cases. 

Overall coefficients are determined like shell and tube exchangers; that 

is, sum all the resistances, then invert. The resistances include the hot-side 

coefficient, the cold-side coefficient, the fouling factor (usually only a total 

value not individual values per fluid side) and the wall resistance. 

 

2.4.2 Design of Spiral – Plate Heat Exchanger  
The provided formulae for heat-transfer and pressure drop calculations. 

Spacings are from 6.35 to 31.75 mm (in 6.35 mm increments) with 9.5 mm 

the most common. Stud densities are 60 × 60 to 110 × 110 mm, the former the 

most common. The width (measured to the spiral flow passage), is from 150 

to 2500 mm (in 150 mm increments). By varying the spacing and the width, 

separately for each fluid, velocities can be maintained at optimum rates to 

reduce fouling tendencies or utilize the allowable pressure drop most 

effectively. Diameters can reach 1500 mm. The total surface areas exceed 465 

sqm. Materials that work harder are not suitable for spirals since hot-forming 

is not possible and heat treatment after forming is impractical. 

17.025.08.0 )((Pr)(Re)0315.0
wk

HDeNu
μ
μ

==                         ..… (2.5) 

where De = 2 × spacing 

Flow area = width × spacing 

45.1*
03705.1

2

−
=Δ

E
LVP ρ  (1.45 for60x60 mm studs)           ..… (2.6) 

LMTD and overall coefficient are calculated like in PHE section above. [15] 
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2.4.3 Design of Plate-Fin Tubular Exchanger  
The economics usually work out in the favor of gas coolers when the 

centrifugal machine’s flow rate reaches about 5000 scfm. The pressure loss 

can be kept to 7.0 kPa in most cases. When the ratio of Atht to Ashs is 20:1, is 

another point to consider these plate-fin designs. Vibration is practically 

impossible with this design, and uses in reciprocating compressors are 

possible due to this. 

Marine and hydraulic-oil coolers use these characteristics to enhance 

the coefficient of otherwise poorly performing fluids. The higher metallurgies 

in marine applications like 90/10 Cu-Ni afford the higher cost of plate-fin 

design to be offset by the less amount of alloy material being used. On small 

hydraulic coolers, these fins usually allow one to two size smaller coolers for 

the package and save skid space and initial cost. 

 

2.4.4 Design of Spiral-Tube Exchangers  
The fluid flow is similar to the spiral-plate exchangers, but through 

parallel tube passages. Graham Mfg. has a liquid-liquid sizing pamphlet 

available from their local distributor.  

The tubeside fluid must be clean or at least chemically cleanable. With 

a large number of tubes in the coil, cleaning of inside surfaces is not totally 

reliable. Fluids that attack stressed materials such as chlorides should be 

reviewed as to proper coil-material selection. Fluids that contain solids can be 

a problem due to erosion of relatively thin coil materials unlike the thick 

plates in spiral-plate units and multiple, parallel, fluid passages compared to a 

single passage in spiral-plate units [16].  
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2.4.5 Design of Printed Circuit Heat Exchanger 
For the thermal-hydraulic correlations, one needs first to define the flow 

regime, classically based on the 

Reynolds number Re = (ρ U DH/μ ) where U bulk flow velocity (m/s) , ρ the 

fluid density (kg/m3), μ dynamic viscosity (Pa.s) and DH the hydraulic 

diameter given by DH = (4 S/ P) with S the cross section (m2) and P the 

wetted perimeter (m). Depending on the Reynolds number, three various flow 

regimes exist: laminar ( Re ≤ 2300), transitional ( 2300 ≤ Re ≤ 10000 ) or 

turbulent ( Re ≥ 10000 ). Pressure drops ΔP are computed with  

                             ...… (2.7) )2/)(/( 2UDLP H ρΛ=Δ

Were L is the length of the duct (m) and Λ is the Darcy factor. 

For a straight rectangular channel, the following correlations allow to 

estimate the Darcy coefficient: 

• Re ≤ 2300 : Shah and Bhatti [17] proposed  for 0 < α * < 1 , α *=2b/2a 

with 2b the channel height  (m) and 2a the channel width (m) . 
            

Re
2537.09564.07012.19467.13553.11(96[

5432 ∗∗∗∗∗ −+−+−
=Λ

ααααα (2.8) 

• 5000 ≤ Re ≤ 107 : Shah and Bhatti  proposed the following correlation  
for 0 < α * < 1 

                                  ..… (2.9) cf)1125.00875.1(4 ∗−=Λ α

where  2]]
8215.3Reln964.1

Reln[7372.1[ −

−
=cf                    ..… (2.10) 

For the thermal point of view ,  

• 0 ≤ Re ≤ 2300 In the laminar flow regime, the heat transfer coefficient 

is a function of the heating conditions (fixed wall temperature or fixed 

heat flux).  

• 2300 ≤ Re ≤ 106 : The well-known Colburn correlation could be used :  

                      ..… (2.11) 3/18.0 PrRe023.0=Nu
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For a wavy channel (herringbone pattern), no general correlation exists. 

However, Hesselgreaves  [10] proposed a relation which takes into account 

the wavy geometrical parameters b, the channel width, p the wavy pitch 

length and w the wave height. 

The available correlations according to the flow regime are the following: 

• 104 ≤ Re ≤ 105 :  

          5.136.0 )2(Re8.4
p
bf −=              ..… (2.12) 

          75.036.0 )2(Re4.0
p
bj −=              ..… (2.13) 

• 600 ≤ Re ≤ 2300 :  

          75.04.0 )2(Re4.0
p
bj −=             ..… (2.14) 

                        ..… (2.15) jf 5=

According to the author, this relation predicts the experimental data quite well 

for w/p = 0.25 . 

Basic Aspects of Compactness [10] 

Geometrical aspects 
The fundamental parameter describing compactness is the hydraulic 

diameter DH, defined as 

s

c
H A

LAD 4
=                            ..… (2.16) 

For some types of surface the flow area Ac varies with flow length, so for 

these an alternative definition is 

s

s
H A

VD 4
=                  ..… (2.17) 

where Vs, is the enclosed (wetted) volume. 

This second definition enables us to link hydraulic diameter to the 

surface area density β, which is As/V, also often quoted as a measure of 
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compactness. Here, the overall surface volume V is related to the surface 

porosity σ by :  

V
Vs=σ                ..… (2.18) 

so that the surface area density β is 

H

s
DV

A σβ 4
==               ..… (2.19) 

A commonly accepted lower threshold value for fl is 300 m2/m3, which 

for a typical porosity of 0.75 gives a hydraulic diameter of about 10 mm . For 

tubes this represents the inside tube diameter, and for parallel plates it 

represents a plate spacing of 5 mm - typical of the plate and frame generation 

of exchangers. An informative figure given by Shah [17] shows the 'spread' of 

values and representative surfaces - mechanical and natural. 

It should be noted at this point that the porosity affects the actual value 

of surface density, independently of the active surface. In Figure 2.5, the 

value of 0.83 is chosen which is typical of high performance plate- fin 

surfaces with aluminum or copper fins. As hydraulic diameter is progressively 

reduced, it is less easy to maintain such a high value, especially for process 

exchangers. This is for two reasons, both associated with the effective fin 

thickness. Firstly, for high temperature and high pressure containment, 

stainless steel or similar materials are necessary for construction, and 

diffusion bonding is the preferred bonding technique. This in turn requires 

significantly higher fin thicknesses to contain the pressure. Secondly, the 

lower material thermal conductivity calls for higher thicknesses to maintain 

an adequate fin efficiency and surface effectiveness. Thus typical values for 

porosity for diffusion bonded exchangers are from 0.5 to 0.6, so having a 

strong effect on surface density and exchanger weight. Brazed stainless steel 

plate-fin exchangers have intermediate porosities of typically 0.6 to 0.7. 
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2.5 Heat Transfer Aspects of Compactness 
The heat transfer coefficient α is usually expressed, in compact surface 

terminology, in terms of the dimensionless j, or Colburn, factor by the 

definition 

3/2
3/1 Pr

PrRe
StNuj ==              ..… (2.20) 

where Nu = Nusselt number 
λ

α HDNu =  

and St = Stanton number 
pGC

St α
=  

Thus α is non-dimensionalised in terms of the mass velocity G: for a fixed G, 

j is proportional to α. 

For a single side, a specified heat load, , is given by the heat transfer 

and rate equations 

•q

)( 12 TTCmTAq pms −=Δ= •• α            ..… (2.21) 

neglecting for convenience the influences of wall resistance and surface 

efficiency on α. The first part of equation 2.21 can be written, using equation 

2.19 

T
D

Vq
H
Δ=• σα 4

              ..… (2.22) 

Thus for a specified heat load , to reduce the volume V means that 

we must increase the ratio α / DH The choice therefore is to increase heat 

transfer coefficient ot or to decrease hydraulic diameter (increase 

compactness), or both. We will make the distinction that enhancement implies 

increasing α with no change of compactness. 

•q

In fully- developed laminar flow, the Nusselt number is constant, that 

is, importantly, independent of Reynolds number, giving 

HD
Nuλα =                ..… (2.23) 

Substituting this into equation 2.22 gives 
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2
4

HD
TVNuq Δ

=• λσ               ..… (2.24) 

Hence for a given  and temperature difference, the exchanger volume 

required is proportional to the inverse square of the hydraulic diameter, for 

laminar flows. This volume requirement is unchanged whatever the specified 

pressure drop, as is shown later (although the shape does change). 

•q

The situation for flows other than fully- developed laminar is more 

complex, needing compatibility of both thermal and pressure drop 

requirements. It is shown that the thermal requirement (the heat load   ) is 

linked to the surface performance parameter j by 

•q

N
A
Aj

s

c 3/2Pr=               ..… (2.25) 

where N = NTU (Number of Thermal Units) for the side 

              for this case.  mTTT Δ−= /)( 12
Alternatively, in terms of the hydraulic diameter and flow length, 

N
L

Dj H 3/2Pr
4

=               ..… (2.26) 

For given conditions the product Pr2/3 N is fixed, so the required j factor 

is proportional to the aspect ratio DH / L of the surface. Thus from the thermal 

requirement, the flow length element of size and shape is reduced directly by 

reducing hydraulic diameter and maintaining the j factor. Put another way, the 

same heat transfer coefficient is obtained if G and the ratio dh/L are fixed. 

The latter condition also implies that the surface area to flow area ratio is 

fixed, through equation 2.16. 

The equivalent expression to equation 2.24 for a surface described by a j 

factor is 

2

3/1PrRe4

HD
TVjq Δ

=• λσ
                         ..… (2.27) 
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Here, although the superficial square law relationship with hydraulic 

diameter is retained, the hydraulic diameter affects the Reynolds number; this 

in turn influences the j factor. The Reynolds number is constrained in addition 

by the mass velocity, which depends on pressure drop, unlike the fully- 

developed laminar case. 

The required pressure drop is thus a significant factor in the shape and 

size of exchangers. Neglecting, for many practical exchangers, the relatively 

small contributions of entry and exit losses and flow acceleration, the pressure 

drop ΔP of fluid through a surface is given by 

f
D

LuP
H

4
2
1 2ρ=Δ               ..… (2.28) 

f being the Fanning friction factor. 

Relating the mean velocity u to the mass flow rate, we have 

cH AD
Lf

m

P 42
2 =
Δ
•

ρ
 = constant for given conditions.         ..… (2.29) 

We can now combine the thermal and pressure drop requirements in the 

core mass velocity equation, after London [18] , which can now be derived 

from equations 2.26 and 2.29: 

2

3/2

2
Pr2

cjA
Nf

m

P
=

Δ
•

ρ
              ..… (2.30)

    
and 

N
fj

P
G

3/2

2

Pr
/

2
=

Δρ
                       ..… (2.31) 

For given conditions of Pr, N, ρ and ΔP, it is clear that G is only a 

function of j/f, and most importantly is independent of hydraulic diameter of 

the surface. As pointed out by London, j/f is only a weak function of 

Reynolds number, being of the order of 0.2 to 0.3 for most compact surfaces. 
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Thus 

H/L, is maintained, then both the heat transfer coefficient and 

the su

e thermal design of a non-laminar flow exchanger, with the normal (but 

drop. These 

 constant or nearly constant ratio DH/L. The heat transfer 

coefficient and surface area change according to the change in consequent 

Reynolds number. 

G, and hence flow area, can be closely estimated from the design 

specification. 

Examination of the pressure drop and thermal requirements together 

thus shows that the mass velocity G and hence the flow area are closely 

circumscribed by the specification. If the aspect ratio of the surface (not the 

exchanger), D

rface area are also the same between two cases, hence giving the same 

performance. 

We have now established the basic elements of the effect of the surface 

on th

not the invariable) specification of both heat load and pressure 

are: 

•  that flow length decreases as hydraulic diameter decreases 

• that flow area is largely independent of hydraulic diameter 

The straightforward implication of this is that exchanger cores are changed 

in their aspect ratio as they are made more compact, whilst their internal 

surfaces maintain a
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Fig . 2.5 Overview of compact heat transfer surfaces, 
adapted from Shah [17]  

2.6 Effectiveness – NTU Method 
The LMTD approach to heat exchanger analysis is useful when the 

inlet and outlet temperatures are known or are easily determined. The LMTD 

is then easily calculated, and the heat flow, surface area, or overall heat 

transfer coefficient may be determined. When the inlet or exit temperatures 
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are to be evaluated for a given heat exchanger, the analysis frequently 

involves an iterative procedure because of the logarithmic function in the 

LMTD . In these cases the analysis is performed more easily by utilizing a 

method based on the effectiveness of heat exchanger in transferring a given 

amount of heat. The effectiveness method also offers many advantages for 

analysis of problems in which a comparison between various types of heat 

exchangers must be made for purpose of selecting the type best suited to 

accomplish a particular heat-transfer objective [19]. 

The heat exchanger effectiveness can be defined as 

Effectiveness = ε = (actual heat transfer/ maximum possible heat transfer) 

The actual heat transfer may be computed by calculating either the energy lost 

by the hot fluid or the energy gained by the cold fluid. 

2.7 Functional Form of the Overall Heat Transfer Coefficient 
The inner and outer heat transfer coefficients are usually combined into a 

single overall transfer coefficient to calculate the heat rate. Although there are 

a number of ways in which this can be done, the common approach is to use a 

particular functional form in which the reciprocal of the overall transfer 

coefficients an additive function of two independent expressions, one 

dependent on the inner and another on the outer mass flow rates. The explicit 

form, known as the thermal resistance equation in which each quantity can be 

thought to be a thermal resistance on either side of the heat exchanger. The 

overall thermal resistance of a heat exchanger can be divided up into four 

major parts: the water side, tube conduction, contact conduction (between the 

tube and fin), and air side thermal resistance. 

oootctt

t

ii
Acondccondtwo

o AhAhAkAh
RRRRR

UA η
δ 1111

,, +++=+++==  …(2.32a) 

The conduction resistance through the tube wall, Rt,cond, was calculated to be 

less than 0.5% of the total resistance in all cases. The contact conduction 
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resistance, R c,cond, between the tube and the collar of the fin is a source of 

uncertainty. Wang [20] states that “in practice it is very hard to accurately 

predict the contact conductance, and most of the published works on the air 

side performance absorbed contact resistance into the airside performance.” 

The work of Sheffield et al. [21] gave a range of thermal contact conductance 

of 10,607 – 30,828 W m-2 K-1 [1750 – 5400 Btu/ft2-hr-R] for a similar fin 

geometry (Xt = 25.4 mm [1 in.], Xl = 22 mm [0.866 in.], Do = 9.52 mm 

[0.375 in.], and full fin collar). Based on this range, the contact conductance 

accounts for 3% - 18% of the total thermal resistance in the coils tested. Both 

the tube conduction resistance and the contact conduction resistance were 

absorbed into the airside thermal resistance. 

Solving Equation 4.1 for the air side heat transfer coefficient produces. 

1]11[1 −+=
iiooo

o AhUAA
h

η
               …(2.32b) 

The air side fin efficiency ηo ,is calculated using the Zeller hexagonal fin 

approximation. This approximation was used for both the plain and louvered 

fins, although it is known that the louvers impede radial heat flow from the 

tube, resulting in an over estimate of the fin efficiency for louvered fins. The 

UAo term is calculated using the Variable Air Test; the hi term is calculated 

using the Wilson Test. The main advantage of this functional form, from an 

experimental standpoint, is that if one of the resistances is zero or known a 

priori, then the value of the other is immediately determined. On the other 

hand, the summing function implies that the heat transfer coefficient on one 

side does not depend on the mass flow rate of the other side and hence 

assumes the existence of a wall temperature separating the two fluids. For 

unidirectional parallel- and counter-flow arrangements this local wall 

temperature, although sometimes unknown, is physically well-defined. In 

most heat exchanger configurations, such as the fin-tube type, however, it is 
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well-known not to be the case. The inclusion of a tube-arrangement and a set 

of fns makes it very difficult not only to measure the temperature at the wall 

but moreover to specify where it should be measured. Furthermore, property 

variations with temperature break the assumption of independence of the 

transfer coefficients. Nevertheless, it is possible to define a hypothetical local 

wall temperature that allows us to still use the aforementioned approach to 

compute the heat rate. In such a case, although the coefficients of heat transfer 

remain coupled, it is possible to find them in a least squares sense. The 

hypothetical wall temperature will then be defined such that it fits the 

experimental data the best. The accurate determination of both coefficients is 

a challenging problem [22]. 

 

2.8 Previous Work 
Despite the importance of fin-and-tube heat exchangers, very little 

experimental work of general use has been reported. The most extensive 

investigation in this area has been that of Shepherd (1956) [23], who tested a 

total of 38 different single-row coils. The information is presented in the form 

of average air-side transfer coefficients and transfer rates. These transfer 

coefficients were evaluated without the fin efficiency being taken into 

account. In addition, there is uncertainty in his data reduction procedure. The 

method used to determine the air-side heat transfer coefficients was to 

measure the overall thermal resistance and then to extrapolate it for the limit 

of zero water-side resistance. 

A different approach for the calculation of the heat transfer coefficient 

was that used by Saboya and Sparrow (1974) [24]. In their work the analogy 

between heat and mass transfer was used to obtain local and average transfer 

coefficients. The mass transfer measurements were performed using the 

naphthalene sublimation technique. These experiments thus correspond to 
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heat transfer from isothermal fins, that is fins with efficiency ŋ = 1. 

          A paper by Rich (1973) [25], analyzed the effect of fin spacing on the 

heat transfer performance on plate fin-and-tube heat exchangers. In the 

experiment, the fin spacing was varied from zero to 21 fins per inch. In a 

further paper (Rich, 1975), the effect of number of tube rows was studied. The 

experiment was made for six plate fin-and-tube heat exchangers in which the 

primary physical variable was the flow depth, which varied from one to six 

rows. The heat transfer coefficient was presented using the Colburn j-factor. It 

is important to mention that the test coils in the experiments were of all-

copper construction, and in the data reduction, a fixed average value of metal 

resistance was used provided that it varies only slightly with the air resistance. 

      

      McQuiston (1981) [26] used data from another worker and from his own 

experiments to obtain the first correlation for smooth-plate fin and tube coils. 

He considered the effects of rows, fin pitch, and other geometrical parameters 

and generalized a heat transfer correlation useful for dry coils.  

       The heat transfer correlation was developed in two steps. The first step 

developed a correlation for finned-tube geometries having four tube rows 

                 
4

-0.4 -0.15
a

t

Aj = 0.0014 +0.2168Re ( )
A

                (2.33)        

Then a multiplier was considered to account for the effect of the number of 

rows  

        N

4

-1.2
a,L

-1.2
a,L

j 1 - 180NRe
=

j 1 - 5120Re
               (2.34) 

where 500 < Rea < 24700. 

Webb (1986) [27] complemented the data from another worker with 

data for bundles of finned tubes. He developed his own regression technique 

to obtain another correlation for plate finned-tube heat exchangers with plain 
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fins. This new correlation predicts the four row j-factor  

         
4

-0.328 -0.502 0.0312t
a

1

S sj = 0.14Re ( ) ( )
S D

                 (2.35) 

and then corrects it for the effect of different number of rows  

    N

4

-0.092 -0.031 0.0607(4 - N)j N= 0.991[2.24Re ( ) ]
j 4

               (2.36) 

where 2400 < Rea < 24700. The range of dimensionless variables for 

equations (2.2) and (2.4) are 1.97 < St/D < 2.55; 1.70 < S1/ D < 2.58; 0.08< 

s/D<0.64; 1 <N < 8 or more. 

 

    Yan and Lin (1999) [28] stated that many simplified models for heat 

exchangers have been proposed. An analytical approach for predicting the air-

side performance of a single-phase heat exchanger with louvered fins was 

developed by Sahnoun and Webb (1992). Their model predicted heat transfer 

coefficients with errors of as much as 25%. For calculating the air-side heat 

transfer in heat exchangers under condensing conditions an analytic method 

has been described by Ramadhyani (1998). Recently, Srinivasan and Shah 

(1997) examined condensation phenomena occurring in compact heat 

exchangers.  

Other attempts to analyze transport phenomena in the air-side, within the fin-

tube passages (Kushida et al., 1986; Bastani et al., 1992; Torikoshi et al., 

1994), and in the water-side, inside the tube bends (Goering et al., 1997), have 

been carried out with CFD techniques assuming isothermal fins. 

Ranganayakulu and Seetharamu (1999) performed a steady state simulation of 

a single-phase heat exchanger using finite elements. Their analysis included 

the effect of one-dimensional heat conduction at the wall, nonuniformity in 

the inlet fluid flow, and a few different models of temperature distributions. 

For condensing heat exchangers very few numerical studies of the thermal-

 35



hydraulic characteristics have been carried out. Wagner (1998) developed a 

moving grid algorithm to analyze the change of phase in a counter-flow heat 

exchanger, whereas a three-dimensional numerical study of heat transfer un-

der dry and wet conditions was reported by Jang et al. (1998). Unfortunately, 

the common thread in the aforementioned studies is the inclusion of 

assumptions and situations that are far from being compatible with the 

phenomena that exist in heat exchangers. A large amount of experimental 

information about transport phenomena in single-phase , cooling, and 

evaporator heat exchangers are reported in the open literature (Webb, 1980; 

Kaka¸c et al., 1981; Kays and London, 1984; Shah et al., 1990). For instance, 

Beecher and Fagan (1987) determined performance data for single-phase 

finned-tube heat exchangers; Jacobi and Goldschmidt (1990) characterized, 

experimentally, heat and mass transfer performance of a condensing heat 

exchanger. Similar studies were also examined by McQuiston (1978a), Mirth 

and Ramadhyani (1995), and Yan and Sheen (2000). Thermal performance 

data for evaporators have been developed by Panchal and Rabas (1993). 

These findings are all based on the experimentally determined overall, air-side 

and water-side heat transfer coefficients.  

A few studies have been carried out to find correlations for the performance 

of compact heat exchangers. The most representative examples are those for 

single-phase operating conditions (Gray and Webb, 1986), for heat 

exchangers operating under wet conditions (McQuiston, 1978b), and for 

evaporators (Kandlikar, 1991). Some applications of correlations to the 

modeling of condensers and evaporators are those reported by Kandlikar 

(1990), Srinivasan and Shah (1997), and Corberan and Melon (1998)., among 

others.  

       The determination of the inner heat transfer coefficient (water-side) is a 

problem which has received little attention in papers related to fin-tube heat 
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exchangers. 

        In the vast majority of papers related to fin-tube heat exchangers, simple 

straight-tube correlations are assumed for the water side circuit, thus leading 

to inaccurate results in the determination of the inner heat transfer coefficient, 

especially at low Reynolds numbers.  

       A  paper of Mirth et al.(1993) [29] revealed that cooling coils operating 

at low water-side Reynolds numbers do not  perform as predicted by 

manufacturer's software. Based upon this observation, they suggested that 

further research is needed to obtain a suitable prediction for coils operating at 

low Reynolds numbers. This need is aggravated because in the laminar flow 

region the inner heat transfer coefficient is even more important in the 

determination of the overall heat transfer coefficient than for turbulent flows.  

        On the other hand, it should be noted here that, even though much 

experimental data and correlations are now available in the literature on fin-

tube heat exchangers, these data largely emphasize the air- or gas-side heat 

transfer characteristics. 

 



Chapter Three  

Experimental Work 

3.1 Introduction 
The experiments were carried out in a test facility specifically designed 

and constructed for the purpose. A schematic of this facility is shown in Fig 

3.1. Photographs of this test system in different views are shown in Fig. 3.2 

and 3.3. 

 

3.2 Components of Test System 
1- Water bath: Memmert type, was used to heat the water entering the heat 

exchanger with a constant temperature of 60ْC 

2- Compact heat exchanger: the main part in the system was made of copper 

and its dimensions are 20 x 19 x 5cm, number of pipes is 18 outside diameter 

of the pipe is 0.45 cm , and has 7 fins/cm with fin thickness of 0.5 mm.  

3- Cooling Fan: Flat motor DC 12 V fan, was used to cool the heat exchanger 

4- Water pump: Akad type, Iraq with 220V, power of 80W, volumetric flow 

rate of 0.5 m3/hr at head 1.4 m, was used to pump water from water bath to 

the heat exchanger. 

5- Power supply: HP type DC 0-40V, 0-5A, using to give the power to the fan 

with three different voltages which cause three different air flow rates.   

6- Rubber tubes: was used to transport water to/from heat exchanger. 

7-Thermometer: to measure the temperature of in/out water and air. 

 

3.3 Test Measuring Parameters and Procedure 
The measured parameters and their ranges during test were listed below: 

• Water inlet temperature Tw,in: 60ْْC . 

• Water outlet temperature Tw,out : 51.0 - 57.5 Cْ . 
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• Air inlet temperature Ta,in : 34 Cْ . 

• Air outlet temperature Ta,out : 39.5 - 45.2 Cْ . 

• Water flow rate Q.
w: 1.4 x10-4 m3/s . 

• Air flow rate Q.
a: 3.5 x10-2 – 4.5 x10-2  m3/s . 

 

 
Fig. 3.1 Schematic diagram of the system. 

 

Laboratory experiments have been performed to obtain dynamical response 

data for the heat exchanger.  Tests were carried out with a constant water 

volumetric flow rate value of 1.4 x10-4 m3/s , and constant values for both 

water and air inlet temperature of  60ْْC and 34 Cْ . The air inlet temperature is 

the same as the room temperature. For a fixed water flow rate , the air flow 

rate was changed by changing the voltage supplied to the fan using the power 

supply and so, the fan's velocity will change . 

The outlet temperatures of water and air were measured with every change, 

using the thermometer, which was fixed near the fan to measure the outlet air 
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temperature, and the other thermometer was fixed in the end of the tube to 

measure the outlet water temperature and the heat transfer performance was 

studied with the change of air flow rate. The water flow rate was measured by 

draining water from the outlet of the tube out of the heat exchanger into a 

graduated cylinder and measuring the water volume in a certain time period. 

   

 

 
Fig.3.2a View of the system(View A). 
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Fig.3.2b View of the system(View B). 

 

3.4 Test results  

3.4.1 First test 
The first test is done at the following conditions tabulated in Table 3.1 

Table 3.1 specifications of first test. 

Fluid type Volumetric flow 

rate m3/s 

Mass flow rate 

Kg/s 

Inlet temperature 

in oC 

Water 0.00014 0.1369 60 

Air 0.035 0.4060 34 

 

The results of the first test are tabulated in table 3-2 
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Table 3.2 Results of the first test. 
Time(min) Tw,out(ºC ) Ta,out(ºC ) 

0 60 34 
0.5 59 36 
1.0 58.5 39 
1.5 57.8 39.7 
2.0 57 40 
2.5 56.5 40.2 
3.0 56 40.5 
3.5 55.8 40.8 
4.0 55.4 40.8 
4.5 55 41 
5.0 55 41 
7.0 55 41 

 
3.4.2 Second test 
The second test is done at the following conditions tabulated in Table 3.3 

 
Table 3.3 Specifications of second test. 

Fluid type Volumetric flow 
rate m3/s 

Mass flow rate 
Kg/s 

Inlet temperature 
in oC 

Water 0.00014 0.1369 60 
Air 0.041 0.4618 34 

 
The results of the second test are tabulated in table 3.4 

 
Table 3.4 Results of the second test. 

Time(min) Tw,out(ºC ) Ta,out(ºC ) 
0 60 34 

0.5 58.5 37 
1.0 57 40 
1.5 56 40.5 
2.0 55 40.8 
2.5 54.5 41.2 
3.0 54 41.6 
3.5 53.8 41.8 
4.0 53.5 42 
4.5 53.5 42 
5.0 53.5 42 
7.0 53.5 42 
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3.4.3 Third test 
The Third test is done at the following conditions tabulated in Table 3.5 

Table 3.5 specifications of third test. 

Fluid type Volumetric flow 

rate m3/s 

Mass flow rate 

Kg/s 

Inlet temperature 

in oC 

Water 0.00014 0.1369 60 

Air 0.045 0.5115 34 

 

The results of the second test are tabulated in table 3.6 

 

Table 3.6 Results of the third test 

Time(min) Tw,out(ºC ) Ta,out(ºC ) 
0 60 34 

0.5 58.5 38 
1.0 57 41 
1.5 56 41.5 
2.0 55 42 
2.5 54 42.3 
3.0 53 43 
3.5 52 43.5 
4.0 51.5 44 
4.5 51 44 
5.0 51 44 

 

3.5 Control of the Heat Exchanger (Unsteady State Response) 

   In order to study the control of the system, the control constants must 

be specified for each case of operation. A detailed analysis of the system can 

be made with the aid of controlled variables.  

  Defining the dynamic temperature response as the percentage of response 

gained at time t=0 to the ultimate response at t=∞  [30], so 
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   , ,'

,max
( ) i t i

i
i

T T
T t

T
∞−

=
Δ

                      (3.1) 

where 

                        (3.2) ,max , ,0i iT T T∞Δ = − i

  The unsteady state dynamic temperature response can be defined in an 

alternative way as [31] 

   ( ) 100 1 expR
i

tT t
τ

⎛ ⎞⎛ ⎞= − −⎜ ⎟⎜ ⎟⎝ ⎠⎝ ⎠
                    (3.3)   

  where τ  is the time constant. Equation 3.3 is a well known first order 

response equation for a step input change. When there is a delay in the 

system, equation 3.3 becomes 

   ( ) 100 1 expR
i

tT t θ
τ

⎛ ⎞−⎛ ⎞= − −⎜ ⎟⎜ ⎟⎝ ⎠⎝ ⎠
                    (3.4) 

  where θ  is the dead time or delay time.  
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Chapter Four 

Calculations and Interpretations 

 

4.1 Theoretical Calculations of the Heat Exchanger Parameters     

4.1.1 NTU method of analysis 
The effectiveness of the heat exchanger can be easily determined using 

experimental data.  

For cross flow with both fluids unmixed, the following equation can be used 

 
( )0.78

0.22

exp 1
1 exp

CN

CN
ε −

⎡ ⎤⎡ ⎤− −⎣ ⎦⎢ ⎥= − ⎢ ⎥
⎢ ⎥⎣ ⎦

             (4.1)[32] 

where 

 
min

UAN
C

=              (4.2) 

 minmin

max max

( )

( )
p

p

m cCC
C m c

= =
o

o
           (4.3) 

The effectiveness is defined as  

 min

max

T
T

ε Δ
=
Δ

             (4.4) 

The specific heat capacity of water at 60 oC is 4.179 / .KJ Kg Co  

The density equal 983.3Kg/m3 

The volumetric flow rate of water is 1.4 x10-4 m3/s 

  4983.3 1.4 10 0.137 /m Q Kg sρ −= = × × =o

( ) 0.137 4.179 0.571 /p hm c Kw C= × =o o  

The specific heat capacity of air at 34 oC is 1.0065  / .KJ Kg Co

The density equal 1.135 Kg/m3 

The volumetric flow rate of air for the first test is 0.035 m3/s  
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1.135 0.35 0.04 /m Q Kgρ= = × =o s  

( ) 0.4 1.0065 0.0403 /p cm c Kw C= × =o o  

∴ air is the minimum fluid for the first test 

 , ,

, ,

41 34 0.27
60 34

a out a in

w in a in

T T
T T

ε
− −

= =
− −

=  

 0.0403 0.071
0.571

C = =   

Solving for N gives  

 =0.32 N

  0.32 0.0403 0.0129 /UA KW C= × = o

For the second test 

The volumetric flow rate of air for the second test is 0.041 m3/s  

1.135 0.041 0.047 /m Q Kgρ= = × =o s  

( ) 0.047 1.0065 0.0473 /p cm c Kw C= × =o o  

∴ air is the minimum fluid for the second test 

 , ,

, ,

42 34 0.31
60 34

a out a in

w in a in

T T
T T

ε
− −

= =
− −

=  

 0.0473 0.0828
0.571

C = =  

Solving for N gives  

 =0.38 N

  0.38 0.0473 0.0179 /UA KW C= × = o

The volumetric flow rate of air for the third test is 0.045 m3/s  

1.135 0.045 0.051 /m Q Kg sρ= = × =o  

( ) 0.051 1.0065 0.0514 /p cm c Kw C= × =o o  

∴ Air is the minimum fluid for the second test 
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 , ,

, ,

44 34 0.38
60 34

a out a in

w in a in

T T
T T

ε
− −

= =
− −

=  

 0.0514 0.09
0.571

C = =  

Solving for N gives  

 =0.50 N

  0.50 0.0514 0.0257 /UA KW C= × = o

 2( ) 18 2 0.0045 0.2 0.102A n L OD m= Π = × ×Π× × =o  

So, a table can be constructed for the system as following. 

 

Table 4.1 Theoretical values of the overall heat transfer coefficient. 

Run Effectiveness NTU 
U 

( ) 2/ .W m Co

1 0.27 0.32 126 

2 0.31 0.38 175 

3 0.38 0.50 252 

 

4.1.2 Water side heat transfer coefficient 

For the water side the temperature in was 60ْْC and at this temperature the 

following data was obtain: 

Cp = 4.179x103 j/kg. ْْC 

ρ = 983.3 kg/m3 

μ = 4.71 x 10-4 kg/m.s 

k = 0.654 W/m. ْْC 

Pr = 3.01 

The volumetric flow rate is constant and equals 0.000139 m3/sec 

The heat exchanger inside configuration is as following: 

The inside diameter of the pipes is 0.004 m 
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The number of pipes is 18 

Each pipe has a length of 0.20 m 

So, the inner area can be calculated from as following:  

Inside cross-sectional area = Aic = π ID2/4 

Aic = 1.26x10-5 m2 

The water velocity can be calculated since the volumetric flow rate and the  

inside cross sectional area are available  

uwm = Q.
w/ nAic 

uwm = 0.613 m/s 

Then, the Reynold number can be calculated easily  

wm
4

u ID 983.3 0.613 0.004Re 5118
4.71 10

ρ
μ −

× ×
= = =

×
 

After the calculation of Reynold number, the L/ID is calculated to find the 

proper equation for the calculation of Nusselt number and then the inside heat 

transfer coefficient  
0.8 n

d dNu 0.023 Re Pr=        

where  

n=0.4 for heating 

n=0.3 for cooling 

0.6<Pr<100 

2500<Re<1.25x105 

So, 

 0.8 0.3i i
d

h ID h 0.004Nu 0.023( 5118 ) ( 3.01 )
k 0.654
× ×

= = =  

4854ih =  W/m2.s 

The heat transfer coefficient for the air side can not easily obtained because of 

the lack of information connecting velocity variation with heat transfer 

coefficient on the air side for this particular type of heat exchanger. So, a 
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backward method is done by using the NTU method to obtain the overall heat 

transfer coefficient (U) and then finding the heat transfer coefficient on the air 

side.   

 

4.1.3 Air side heat transfer coefficient 

To evaluate the overall heat transfer coefficient, the total thermal 

resistance method is used where  

a a a w w

1 1 1
UA h A h A

⎛
= +⎜
⎝ ⎠

⎞
⎟            (4.5) 

Equation 4.4 can be rearranged into an alternative form 
1

a
a a w w

1 1 1h
A UA h A

−
⎛

= −⎜
⎝ ⎠

⎞
⎟            (4.6) 

The values of air side heat transfer coefficient is shown in the following table 

 

Table 4.2 Air side heat transfer coefficient. 

Run aQ   (m3/s) 
U 

( ) 2/ .W m Co
ah

2/W m

 

( ) . Co

1 0.035 126 130 

2 0.041 175 182 

3 0.045 252 268 

 

From table 4.2 it is evident that the heat transfer coefficient is increased by 

increasing the flow rate of hot air. It is also noticeable that the increment is 

too low compared with the value of the water side heat transfer coefficient. 

Now, relating drawing the flow rate versus air side heat transfer coefficient 

gives the following figure. 
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Fig. 4.1 Air heat transfer coefficient versus air volumetric flow rate. 

Quadratic Fit of  the data yields 
3 51668.25 88.9 10 12.8 10a ah Q= − × + × 2

aQ         (4.7) 

 

4.1.4 Theoretical Simulation Using NTU Method 

 Using different flow rates of both air and water to analyze the system 

independently for a larger range than that of experimental work will give a 

better understanding of the factors that have the biggest influence on system 

performance. 

i) Effect of Flow Rate Variation on the Overall Heat Transfer 

Coefficient 

Air heat transfer coefficient can be obtained directly from equation 4.7 while 

that for water need the procedure of section 4.1.2 to be repeated. 

The following curve shows the effect of changing flow rate of water and air 

on the overall heat transfer coefficient.  
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Fig. 4.2 Overall heat transfer coefficient change with volumetric flow rate of 

air. 
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Fig. 4.3 Overall heat transfer coefficient change with volumetric flow rate of 

water. 
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ii)  Effect of Flow Rate on Effectiveness 

The effect of increasing water or air flow rate on effectiveness has been 

predicted from the former equations. The following figure shows the 

effectiveness variation with flow rate change. 
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Fig. 4.4 Effectiveness versus air flow rate at different water flow rates. 
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4.2 Control of Heat Exchanger 

 Studying the control of the system for the three tests in order to find the 

time constant τ  and the dead time θ  for each case. 

 

4.2.1 Control Constants of the First Test 

 From table 3.2 the maximum temperature difference for air side is 7  

and for water side is 5 o . Assuming a step input change from the initial state 

will give full analysis of the system. 

o

Defining the response variables in the following way for both air and water 

temperatures responses (T.R.) as and respectively ' ( )aT t ' ( )wT t

a) Air Side 

 ,'

,max
( ) 100%a t

a
a

T T
T t

T
∞−

=
Δ

                     (4.8) 

where 

                      (4.9) ,max , ,0a aT T T∞Δ = − a

The following table can be constructed for the air temperature response. 

 

Table 4.3 Air temperature response with time for the first test. 

Time (min) ,a tT  ' ( )aT t  
0 34 0 

0.5 36 28.34687 
1 39 68.85968 

1.5 39.7 86.46647 
2 40 94.11835 

2.5 40.2 97.44385 
3 40.5 98.8891 

3.5 40.8 99.51721 
4 40.8 99.79018 

4.5 41 99.90881 
5 41 99.96037 
7 41 99.99859 

Air temperature response of the first test is drawn as shown below. 
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Fig.4.5 Air temperature response for the first test. 
 
Reading the t1 and t2  for 28.3 and 63.2% air temperature responses. 

t1=0.5 min : t2=0.9 min 
so, the time constant and the dead time can be calculated as 
 2 11.5( ) 1.5(0.9 0.5) 0.6t tτ = − = − = min 
and the dead time 
 2 0.9 0.6 0.3tθ τ= − = − = min 
The air dynamic temperature response  can be calculated as following ( )R

aT t

 ( ) 100 1 expR
a

tT t θ
τ

⎛ ⎞−⎛ ⎞= − −⎜ ⎟⎜ ⎟⎝ ⎠⎝ ⎠
 

Drawing the air dynamic temperature response will give the following figure 

0

20

40

60

80

100

120

0 2 4 6 8

Time(min)

T.
R

. Experimental

Dynamic
response

T.
R

 

 
 Fig.4.6 Experimental and dynamic T.R. of air for the first test. 
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b) Water Side 

 , ,'

,max
( ) w t w in

w
w

T T
T t

T
−

=
Δ

 

where 

  ,max , ,0w wT T T∞Δ = − w

The following table can be constructed for the water temperature response. 

Table 4.4 Water temperature response with time for the first test. 

Time (min) ,w tT  ' ( )wT t  
0 60 0 

0.5 59 10.51607 
1 58.5 32.21904 

1.5 57.8 48.65829 
2 57 61.11044 

2.5 56.5 70.54252 
3 56 77.68698 

3.5 55.8 83.09867 
4 55.4 87.19783 

4.5 55 90.3028 
5 55 92.65471 
7 55 97.58198 

 
water temperature response of the first test is drawn as shown below. 
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Fig.4.7 Water temperature response for the first test. 
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Reading the t1 and t2  for 28.3 and 63.2% air temperature responses. 
t1=0.9 min : t2=2.1 min 

so, the time constant and the dead time can be calculated as 
 2 11.5( ) 1.5(2.1 0.9) 1.8t tτ = − = − = min 
and the dead time 
 2 2.1 1.8 0.3tθ τ= − = − = min 
The water dynamic temperature response  can be calculated as 
following 

( )R
wT t

 ( ) 100 1 expR
w

tT t θ
τ

⎛ ⎞−⎛ ⎞= − −⎜ ⎟⎜ ⎟⎝ ⎠⎝ ⎠
 

Drawing the water dynamic temperature response will give the following 
figure 
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 Fig.4.8  Experimental and dynamic temperature response of water for 

the first test. 
 

4.2.2 Control Constants of the Second Test 

 From table 3.4 the maximum temperature difference for air side is 8  

and for water side is 6.5 . 

o

o

a) Air Side 

The following table can be constructed for the air temperature response. 
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Table 4.5 Air temperature response with time for the second test. 

Time (min) ,a tT  ' ( )aT t  
0 34 0 

0.5 37 40.41287 
1 40 70.68147 

1.5 40.5 85.57446 
2 40.8 92.90223 

2.5 41.2 96.5077 
3 41.6 98.28169 

3.5 41.8 99.15454 
4 42 99.58401 

4.5 42 99.79532 
5 42 99.89929 

 
Air temperature response of the second test is drawn as shown below. 
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Fig.4.9 Air temperature response for the second test. 

 
Reading the t1 and t2  for 28.3 and 63.2% air temperature responses. 

t1=0.37 min : t2=0.84 min 
so, the time constant and the dead time can be calculated as 
 2 11.5( ) 1.5(0.84 0.37) 0.705t tτ = − = − = min 
and the dead time 
 2 0.84 0.705 0.135tθ τ= − = − = min 
The air dynamic temperature response  can be calculated as following ( )R

aT t
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 ( ) 100 1 expR
a

tT t θ
τ

⎛ ⎞−⎛ ⎞= − −⎜ ⎟⎜ ⎟⎝ ⎠⎝ ⎠
 

Drawing the air dynamic temperature response will give the following figure 
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 Fig.4.10 Experimental and dynamic temperature response of air for the 

second test. 
 

b) Water Side 

The following table can be constructed for the water temperature response. 

Table 4.6 Water temperature response with time for the second test. 

Time (min) ,w tT  ' ( )wT t  
0 60 0 

0.5 58.5 20.39316 
1 57 43.9512 

1.5 56 60.53771 
2 55 72.21577 

2.5 54.5 80.43795 
3 54 86.22695 

3.5 53.8 90.3028 
4 53.5 93.17249 

4.5 53.5 95.19296 
5 53.5 96.6155 
7 53.5 99.16832 

 
Water temperature response of the second test is drawn as shown below. 
 

 58



 

0

20

40

60

80

100

120

0 2 4 6 8

Time(min)

T.
R

.

Experimental

 

T.
R

 

Fig.4.11 Water temperature response for the second test. 
 
 
Reading the t1 and t2  for 28.3 and 63.2% air temperature responses. 

t1=0.65 min : t2=1.6 min 
so, the time constant and the dead time can be calculated as 
 2 11.5( ) 1.5(1.6 0.65) 1.425t tτ = − = − = min 
and the dead time 
 2 1.6 1.425 0.175tθ τ= − = − = min 
The water dynamic temperature response  can be calculated as 
following 

( )R
wT t

 ( ) 100 1 expR
w

tT t θ
τ

⎛ ⎞−⎛ ⎞= − −⎜ ⎟⎜ ⎟⎝ ⎠⎝ ⎠
 

Drawing the water dynamic temperature response will give the following 
figure 
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 Fig.4.12 Experimental and dynamic temperature response of water for 
the second test. 

 

4.2.3 Control Constants of the Third Test 

 From table 3.6 the maximum temperature difference for air side is 10  

and for water side is 9 o  

o

a) Air Side 

The following table can be constructed for the air temperature response. 

Table 4.7 Air temperature response with time for the third test. 

Time (min) ,a tT  ' ( )aT t  
0 34 0 

0.5 38 37.63851 
1 41 64.21988 

1.5 41.5 79.47103 
2 42 88.22144 

2.5 42.3 93.24201 
3 43 96.12258 

3.5 43.5 97.77532 
4 44 98.72358 

4.5 44 99.26765 
5 44 99.57981 

Air temperature response of the third test is drawn as shown below. 
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Fig.4.13 Air temperature response for the third test. 
Reading the t1 and t2  for 28.3 and 63.2% air temperature responses. 

t1=0.375min : t2=0.975min 
so, the time constant and the dead time can be calculated as 
 2 11.5( ) 1.5(0.975 0.375) 0.9t tτ = − = − = min 
and the dead time 
 2 0.975 0.9 0.075tθ τ= − = − = min 
The air dynamic temperature response  can be calculated as following ( )R

aT t

 ( ) 100 1 expR
a

tT t θ
τ

⎛ ⎞−⎛ ⎞= − −⎜ ⎟⎜ ⎟⎝ ⎠⎝ ⎠
 

Drawing the air dynamic temperature response will give the following figure 
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 Fig. 4.14 Experimental and dynamic T.R. of air for the third test. 
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b) Water Side 

The following table can be constructed for the water temperature response. 

Table 4.8 Water temperature response with time for the third test. 

Time (min) ,w tT  ' ( )wT t  
0 60 0 

0.5 58.5 15.83692 
1 57 33.12191 

1.5 56 46.85701 
2 55 57.77125 

2.5 54 66.44398 
3 53 73.33555 

3.5 52 78.81177 
4 51.5 83.1633 

4.5 51 86.62114 
5 51 89.36882 
7 51 95.76133 

 
water temperature response of the third test is drawn as shown below. 
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Fig. 4.15 Water temperature response for the third test. 

 
 
Reading the t1 and t2  for 28.3 and 63.2% air temperature responses. 

t1=0.9 min : t2=2.1 min 
so, the time constant and the dead time can be calculated as 
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 2 11.5( ) 1.5(2.3 0.85) 2.175t tτ = − = − = min 
and the dead time 
 2 2t .3 2.175 0.125θ τ= − = − = min 

he water dynamic temperature response  can be calculated as T ( )R
wT t

following 

 ( ) 100 1 exp

 63

RT tw
t θ
τ

⎛ ⎞−⎛ ⎞= − −⎜ ⎟⎜ ⎟⎝ ⎠⎝ ⎠
 

Drawing the water dynamic temperature response will give the following 
figure 
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 Fig.4.16  Experimental and dynamic temperature response of water for 

 
the third test. 

 
 

 

 

 

 

 



Chapter Five 

Discussions 
 

5.1 Discussion of NTU Method  

From the results of section 4.1 it is evident that the heat transfer is 

affected by the flow rate of water and air and hence larger flow rate 

means higher heat transfer rate. However, because of the relatively low 

values of heat transfer coefficient on the air side compared to the heat 

transfer coefficient value on the water, the heat transfer coefficient on 

the air side has the key role in the overall heat transfer across the heat 

exchanger. This can be explained by the series resistance law which 

states that the total resistance is the sum of the individual resistance 

components. 

                    (5.1) 1 2 3 .....R R R R= + + +

where  are the individual resistances. In an alternative form, 

equation 5.1 can written as 

1 2, ,...R R etc

 1 1 1
w a

a a a w w
R R R

UA h A h A
= + = = +                  (5.2) 

where and  are the resistances of air and water sides respectively. 

From equation 5.2, it is clear that the total resistance is higher than the 

individual resistances. Hence the resistance is the reciprocal of heat 

transfer coefficient. This leads to the conclusion that the overall heat 

transfer coefficient will be lower from both of the resistances, and from 

table 4.1 it will be closer to the to the lower value. So, increasing the 

flow rate of air will give a better performance than that of the water 

because the value of the heat transfer coefficient is already high and will 

aR wR
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have a negligible effect on the total heat transfer. This concept is 

obvious from Fig. 4.2 and 4.3 
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Fig. 4.2 Overall H.T. coefficient change with volumetric flow rate of air. 
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Fig. 4.3 Overall H.T. coefficient change with volumetric flow rate of water. 
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 The effectiveness of this type of heat exchanger is relatively low 

and can only be increased by high air flow rate because the outlet 

temperature of the hot stream will still be higher than that of the cold 

stream; while it is possible in some cases of heat exchangers that the 

outlet temperature of the hot stream might possibly be lower than that of 

the cold stream. Fig. 4.4 shows that the effectiveness as well is not 

highly affected by the flow rate of water while it is sensitive to any 

minor change in air flow rate. 

 

0

0.1

0.2

0.3

0.4

0.5

0.6

0.7

0.8

0.03 0.04 0.05 0.06 0.07

Air flow rate(m3/s)

Ef
fe

ct
iv

en
es

s

Qw=0.7*10^-4
Qw=1.4*10^-4
Qw=2*10^-4

 
Fig. 4.4 Effectiveness versus air flow rate at different water flow rates. 

 

5.2 Discussion of the Control of Heat Exchanger 

    In all thermal systems, it is logical to have some delay in the 

system response because of the thermal inertia of the system and the 

thermometer. Studying the time constant which is an indication of how 
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fast the system will reach the steady state, and the time consumed by the 

system to show response. The time constant of air side has revealed an 

increasing pattern, because the air spends much less time in the heat 

exchanger when the velocity increases. As shown in the table below 

  

Table 5.1 Time constant and dead time for air side temperature 

response. 

Test number τ (min) θ (min) 

1 0.6 0.3 

2 0.705 0.135 

3 0.9 0.075 

 

The dead time decreases enormously as the velocity of flow increases, 

since higher velocity means lower time spent in the heat exchanger 

which is a quite logical concept. This is also applicable in the case of 

time constant and dead time for the dynamic temperature response for 

the water side as shown in section 4.2.  

 Finally it is vital to mention that the error sources for the heat 

transfer result come from the measurements of air-side temperatures and air 

flow rate.  Because of the low conductivity and heat transfer coefficient of air 

which causes a delay in the response time, it is quite usually that most of the 

error comes from the reading of air temperature.  
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Chapter Six 

Conclusions and Recommendations 

 

6.1 Conclusions 
 From the former work it is found that compact heat exchangers are 

useful device in industry. A number of conclusions have been reached: 

1) Changing water flow rate has a minor effect on heat transfer rates, 

while air has the key role on heat transfer. 

2) Increasing flow rate will enhance the response of the system and reduce 

the dead time. 

3) Effectiveness has been proved that it is highly affected by air flow rate, 

while water flow rate has smaller effect on it.  

4) The heat transfer in this system will be affected by the mass of the 

metal in the heat exchanger which causes a delay in the heat transfer 

because an amount of energy will be preserved in the metal. 

5) These systems are exceptionally useful for the application of gas liquid 

systems in favor of high transfer rates of energy. 

 

6.2 Recommendations: 
There are several topics that have been left out of the scope in the present 

thesis. These are related to the analysis of heat exchangers, and the analysis 

and complementary applications of the techniques used in the current work in 

order to improve their capabilities. Thus, some recommendations for further 

work in these areas are provided. 

1- Different compact heat exchangers should be chosen for heat transfer tests,   

at different flow rates, so that the effect of fin spacing, number of tubes 

rows, fin pitch and other geometrical parameters can be concerned. 
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 69

2- Based on the experimental data of different heat exchangers, general heat 

transfer correlations at different flow rates for both water-side and air-side 

should be correlated, in which the above geometrical effects should be 

taken into account. 

3- More sophisticated dynamical models should be applied to simulate the 

dynamical response of heat exchangers. 

4- The results of the different heat transfer parameters will be more accurate if 

the system control was by using the computer. A data acquisition card is 

recommended to give more accurate results, since this card able to convert 

analog signals comes from the sensors (e.g. thermocouples, etc…) to 

digital signals so that the computer will deal with these signals easily  
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A-1 Properties of air at atmospheric pressure. 
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A-2 Properties of Water 
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A-3 Effectiveness of cross-flow heat exchanger(Both fluids 
unmixed) 
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  الخالصة

  

ات انظمة           د من تطبيق تستعمل المبادالت الحرارية المضغوطة بشكل واسع في العدي

ة وبضمنها     ع الحراري ة ة الحراري ةأنظمة اإلدار الموائ ة  .  اآللي ان المشعات الحراري

ات ألنظمة تكييف الهواء               ات والمبخرات والمكثف د  , في انظمة تبريد المحرآ والتبري

ة           ان . بمنظومات الزيوت والمبردات البينية هي أمثلة يمكن ايجادها في الحياة العملي

في أنظمة   المبادالت الحرارية المضغوطة تستعمل في نقل آميات قليلة من الحرارة          

ادل حراري                  ا مساحة تب سبب أمتالآه سائل ب انتقال الحرارة في الطورين الغازي وال

  .عالية نسبة الى حجمها

اده      راري مضغوط ابع ادل ح م استخدام مب ل ت ذا العم ي ه سم   20x19x5ف

ة   اخن بدرج اء س د م واء   60لتبري تخدام ه ب بأس ل االنابي ي داخ يليزية ف ة س  درج

ة بحاضنة صغيرة          . األنابيب  بدرجة حرارة الغرفة يمر خارج       تم تثبيت مروحة مثبت

راري   ادل الح ة للمب رعة الم . مقارب ى س سيطرة عل تم ال اح  ت تخدام مفت ة  باس روح

ر                  ى تغيي ؤدي ال ا ي فولتية  وتغيير سرعة الهواء بالسيطرة على سرعة المروحة مم

واء ان اله دل جري واء مع تثبيت سرعة . مع ة لله ة سرعة مختلف م استخدام ثالث  ت

اء ان الم رارة لل  .جري ات الح ي درج ر ف سجيل التغي ارير لت تعملت المح ارات  واس تي

  .الخارجة 

ال                     ال الحرارة هو معامل اإلنتق ى إنتق لقد وجد أن العامل الرئيسي المؤثر عل

دل                 ا يكون لمع الحراري لجانب الهواء والذي يزداد بزيادة معدل جريان الهواء بينم

الفعالية أيضا تسلك نفس السلوك  .جريان الماء تأثير أقل على عملية إنتقال الحرارة         

  .هواء وتزداد أيضا بزيادة معدل جريان ال

إن دراسة اإلستجابة الديناميكية للنظام يظهر أن ثابت الزمن لمثل هذا النظام     

ان الهواء          دل جري ادة مع ذا يعني   , يمكن أن يقل بزي ة    وه ة حراري إستجابة ديناميكي

  .إن وقت عدم االستجابة يتناقص تدريجيا  بزيادة معدل جريان الهواء . أسرع 

  



  شكر وتقدير

  
رة                 أود أن أتقدم بالش     وبي لجهوده الكبي دآتور نصير الحب ى مشرفي ال ل إل كر الجزي

آما أتقدم بالشكر والتقدير إلى رئيس     . وتوجيهاته التي ساهمت في إآمال هذا العمل        

قسم الهندسة الكيماوية األستاذ الدآتور قاسم جبار سليمان والى آادر قسم الهندسة            

دوه من مس               ا أب ين لم سيين وإداري ذا         الكيماوية من تدري ات ه ال متطلب اعدة في إآم

  . العمل 

   



دراسة خصائص إنتقال الحرارة لمبادل حراري 

 مضغوط أثناء بدء التشغيل
  

  

  رسالة

  مقدمة الى آلية الهندسة في جامعة النهرين

  وهي جزء من متطلبات نيل درجة ماجستير علوم

  في الهندسة الكيمياوية

  

  

  من قبل

  نبراس حساني عليوي العبيدي

 ٢٠٠٤ بكلوريوس علوم في الهندسة الكيمياوية

  

 
    

 ١٤٢٩  محرم    

 ٢٠٠٨  آانون الثاني
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